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A novel self-balanced internal combustion engine is presented. The new engine has a
modular structure composed of two cylinders arranged in opposite way. It is characterized by
an innovative system of linking between the pistons and the shaft, which has three toggles.
One of these is on the middle of the shaft, whereas the others two are placed symmetrically.
Thanks to this particular shape of the shaft, the pistons can move with the same timing and

so the new engine comes back to be perfectly auto-balanced.
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Moreover, the fatigue life prediction of the shaft has been studied through numerical methods.
In particular, two different approaches have been compared to estimate the maximum
number of working cycles: the first is based on a “static” resistance criterion, the second
considers the multiaxial nature of the stress and is based on the maximum shear stress
(critical) plane criterion. The stress distribution on the shaft during the usual working
conditions has been evaluated by a FEM package. Results highlight that the critical plane
approach is more conservative than the “static” one.

1 Introduction

The paper presents an innovative self-balanced
internal combustion engine with a modular structure
composed of two cylinders arranged in opposite way. The
new engine is characterized by an innovative crankshaft
shape, that has been subjected to an in-depth study in
this work.

The crankshatft, in fact, is one of the most important
and stressed machine components. It is subjected to
superimposed bending and torsion loading cycles.
Moreover, the complexity of the geometry, characterized
by remarkable size changes produces high stress
concentrations at connectors between the crankpins and
its arms.

Such crankshaft portions, subjected to the highest
stresses during exercise, represent the regions where
fatigue cracks growth is located. Therefore, one the main
failure cause of the crankshatft is the result of cumulative
fatigue damage processes [1].

Essential requirements in the designing of a such
component are performances and reliability but, also,
material optimized use and cost reduction. Crankshafts
can be designed both for unlimited duration, and for
limited working periods, so allowing remarkable
improvements in terms of mass and dimensions
reduction. The last approach is, usually, used in high-
power racing engines, where it is particularly important
increasing the engine performances also by reducing the
weight of all the components [2].

To ensure high performances and reliability, the
search for solutions able to make the system more
efficient and compact has involved also the spreading of
the simulation methods. These ones, in fact, could
correctly consider the mechanism dynamics and reducing
the approximations in the component performances
evaluation phases. For these reasons, many research
activities have been addressed to the setting up of

reliable numerical model to identify critical component
sections, determining the stress cycles evolution and
implementing it in an appropriate resistance criterion [2].

In this work, to estimate the fatigue life of the
crankshaft of the novel internal combustion (IC) engine,
two different approaches have been used: the first is
based on a “static” (maximum shear-stress) resistance
criterion, the second on the stresses multi-axial nature.
This criterion is also called as ‘critical plane approach’. It
postulates that fatigue cracks birth and propagate in
specific planes and that the normal stresses to these
planes speed up their growth [3]. The identification of the
critical plane, as the one where the maximum shear stress
value is calculated, it is appropriate in all those cases
where the shear failure mechanisms are predominant.

The research activity has been divided into the
following five main steps: a) innovative IC engine
designing; b) calculation of the working loads on the
crankshaft; ¢) set up of the FEM models; d) evaluation of
the results; e) comparison of the two different
methodologies in the crankshaft fatigue life prediction.

2 The new internal combustion engine

One of the main problems of the internal combustion
engines is the reduction and the balancing of the inertial
forces, so to reduce vibrations and increasing the
performances. Usually, internal combustion engines are
balanced using different constructive solutions: by
arranging the cylinders in a particular way, modelling the
crankshaft so to counterbalance the variable loads and
inertial moments, or by adding new variable loads,
through the wuse of additional balancing masses.
Nevertheless, the mentioned balancing methods do not
completely solve the inertial forces problems because
either the system is left slightly unbalanced or, even if fully
balanced, the efficiency of the engine is reduced because
of the additional (energy-wasting) balancing masses. To
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overcome these problems, the authors have developed a
novel internal combustion engine that has very innovative
characteristics as regard the mass distribution, the
arrangement of pistons and, consequently, the global
balancing.

The new engine has a modular structure composed of
two cylinders arranged in opposite way.

Fig. 1 CAD model of the novel crankshaft

The main innovative aspects concern the particular
shape of the crankshaft and the linking of the pistons. Fig.
1 shows the CAD model of the novel crankshatft.

Even if similar solutions have been presented in the
past, the engine, presented in the paper, is characterized
by an innovative system of linking between the pistons
and the shaft, that is composed of three crankpins: one of
these is on the middle of the shaft, whereas the others
two are placed symmetrically.

In detail, the engine is composed of two opposite and
symmetric cylinders; one of the two pistons is connected,
through a big connecting rod, to the pivot of the central
crankpin, whereas the second one is linked to the other
two pivots through two small connecting rods. Because
the two pistons are identical and the two small connecting
rods have a mass equal to the big one, the engine (fig. 2)
is intrinsically balanced.

Fig. 2 - Innovative internal combustion engine

In a such internal combustion engine, in fact, the
inertial forces of the pistons and connecting rods, are at
the same times equal and opposite in direction and so
reciprocally balanced.

3 Evaluation of the loads acting on the
crankshaft

In order to evaluate the loads acting, during a whole
working cycle, on the intermediate crankpin (the resultant
of the loads on the terminal pivots is equal and opposite),
two different working configurations have been simulated.
In particular, two extreme engine rotational speeds,
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respectively equal to 1200 rpm and 12000 rpm, have
been considered. Thanks to the system symmetry, it has
been possible simplifying the loads evaluation, by only
analysing the kinematic and dynamic behaviour of a
single cylinder, which has been modelled as a balanced
crank mechanism (fig. 3). Moreover, to simplify the
calculations, the rotating crank movement has been
considered, without any appreciable error, uniform.
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Fig. 3 Crank mechanism

The loads acting on the crankshaft, mainly derive from
two different effects: the loads due to the variation of the
gas pressure in consequence of the combustion process
and the ones related to the moving inertial masses. To
evaluate the first ones, an experimentally measured
pressure cycle of a similar four-stroke engine has been
considered (fig. 4).
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Fig. 4 Plot of pressure vs. crank angle values inside the

cylinder

Knowing the pressure cycle, it is possible to calculate
the variation of the force, F, acting on the piston, during a
whole four-stroke cycle. It can be calculated by the
following equation (1):

D2
F(a) = (p(@) - po) )

where a is the crank rotation angle, D is the cylinder

bore, po is the pressure inside the carter (generally
comparable to the external pressure) and p(a) is the
pressure of gas inside the cylinder as a function of the
crank angle.

As regards the inertial loads, they can be grouped in
the alternate (rectilinear movement) and centrifugal
(rotational movement) kinds.

Proceedings of the IMProVe 2011



T. Ingrassia et al.

The first (alternate) ones are caused by the
backwards and forwards movements of the piston, and
can be evaluated through the general equation
F,(a) =—m,a(a) , where my is the whole moving mass

and a is the acceleration, depending on the crank
rotation angle a: a(a)=a)2r(cosa+ﬂc052a) , being w

the rotational speed and A1 = r/L the connecting rod
obliquity value (see fig. 3)

The rotational inertial loads, instead, are due to the
rotation of the masses connected to the cranks of the
crankshaft and can be expressed through the following

equation: Fr(a)zmra)zr, where m; is the total rotating

mass.

To simplify the calculation of the inertial loads, the
system has been schematized through a concentrated
masses model. Both the connecting rod and the crank, in
fact, have been modelled like two concentrated masses,
one of these (ma) having a rectilinear alternate
movement, whereas the other one (m,) rotating around
the crankshaft axle, as shown in the figure 5.

Fig. 5 Crank mechanism with the two concentrated masses

By adding the components of the inertial and
“pressure cycle” forces along two directions (x and z in
fig. 3), respectively parallel and perpendicular to the
cylinder axle, it can be found the forces acting on the
crankshaft:

D2 )
Fy =[(p(a) - po)-T—maw r(cosa + Acos2a)]tan 5 +

+ mrwzrsena;

D2 )
F, =[(p(a) - po)- 5 Ma r(cosa + Acos2a)] -

—m,w’rcosa.

Figures 6 and 7 show the plots of F, and F, versus

crank angle values respectively at 1200 rpm and 12000
rpm speed.
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Fig. 6 Plots of Fy and F, crankpin loads versus crank angle

values (1200 rpm)
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Fig. 7 Plots of Fy and F, crankpin loads versus crank angle

values (12000 rpm)

4 FEM analyses

4.1 FEM model

The CAD model of the crankshaft was imported in
ANSYS environment.

The mechanical properties of the crankshaft material
are summarized in appendix 1.

The mesh of the crankshaft (fig. 8) has been made
using 10-nodes tetrahedral solid elements. Suitable mesh
refinements have been carried out close the areas
particularly subjected to stress concentration caused by
high shape changes of crankshaft. All that to reduce the
number of highly distorted elements, so ensuring high
accuracy in the calculation of the nodal displacements
and stress.
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Fig. 8 Crankshaft mesh

The shaft model has been constrained simulating the
bearings presence and, therefore, locking the radial
displacements of the nodes of both the pivots. Moreover,
only one end of the crankshaft has been constrained
along the axle in order to allow any possible longitudinal
strains of the shaft.

4.2 Simulating the four-stroke engine loads

Numerical fatigue life evaluation of an innovative internal combustion engine shaft

contact angle between the connecting rod and the pin, in
fact, was considered always equal to 60° for each angular
position.

Several FEM analyses have been performed with the
aim to trace the stresses variations (over the whole cycle)
in some critical crankshaft points.

4.3 Results of FEM Analyses

4.3.1 1200 rpm configuration

Since a four-stroke engine has been considered, the
crankshaft angle varies from 0° to 720°. For this reason,
to consider the shaft rotation and better simulating the
real working conditions, the whole cycle (0°-720°) has
been subdivided into many substeps, corresponding to
different positions of the shaft. Consequently, a large
number of FEM simulations (over than 50), by constantly
increasing the crankshaft rotation angle of 15°, have been
performed for every rotational speed configuration. To
better approximate the load trends, the increment of the
rotation angle value has been reduced as soon as a
stress peak has been calculated.

Unlike the displacements, the boundary conditions
related to the applied loads vary at every step. The loads
(applied to the crankpins of the shaft - fig 9), in fact,
continuously vary, both in magnitude and direction, during
the whole cycle. In a similar way, also the contact areas
between the connecting rods and the crankpins change
during the time. For these reasons, many boundary
configurations have been defined to suitably simulate the
real acting loads.

)
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€

Fig. 9 Example of the selected nodes where to apply the

loads in two crank positions

A simplification was assumed in order to apply the
loads to the nodes of the crankpins: the extent of the
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FEM simulations allowed to identify as critical location,
for all the analysed positions, the connection between the
crankpin and its arms (red in fig.10). Of course that is due
to the remarkable section variation and, consequently, to
the stress concentrations caused by the high size
changes of this parts of the crankshaft.

P

SEZONE A-A

e

Fig. 10 Critical section of crankshaft

In particular, the maximum stress value has been
calculated for a crank angle equal to 390°, that
corresponds to the combustion and burning propagation
initial phase. Let 01> 02 > o3 be the principal stresses,
the (o1 - 63) map is shown in figure 11.
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Fig. 11 (o4 - o3) map at 390°crank angle (1200 rpm)

To conduct an accurate evaluation of the stress
variation, the critical section has been divided into 12
sectors, extended 30°, each one identified by a reference
nodes, as shown in the figure 12.
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SEZIONE A-A

I
Fig. 12 Main nodes in the critical section

In order to identify the critical node, representing the
point where, because of the fatigue load, the maximum
stress is detected during a working cycle, for each node,
the plot of the load versus the crank angle value has been
reconstructed during a whole working cycle,.

The maximum amplitude shear 7, and first principal

oy, Stresses, for every selected node of the critical

section, during a working cycle, are shown in the following
histogram (fig. 13).
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Fig. 13 Maximum stress values in the nodes of the critical

section during a working cycle (1200 rpm)

The material used for the crankshaft, has a fatigue
shear stress limit approximately equal to 7 =0,58g;

where o is the fatigue bending stress limit [5].

The obtained results (fig. 13) show that, at 1200 rpm,
the minimum ratio among the shear and the first principal
stresses is always bigger than 0,72. Basing on this
observation, it can be stated that, during working at 1200
rpm, the fatigue crack should start because of shear
stresses. For this reason, the critical node has been
identified as the number ‘1465, where the maximum
range shear stress has been calculated.

The final result of the FEM analysis at 1200 rpm has
been the detection of the load history (fig. 14) of the
critical node in the whole working cycle.
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Fig. 14 Plot the shear stress 7 versus crank angle on the
critical node 1465 (1200 rpm)
Consistently with the applied load trend (fig.6) also the
stress versus time plot has a pulsating trend with the

maximum value of the shear stress at the gas combustion
starting phase.

4.3.2 12000 rpm configuration

The crankshaft analysis at 12000 rpm has been
carried similarly to the previous described procedure for
the 1200 rpm study.

As predictable, also for the 12000 rpm configuration, a
critical area has been located at the connector between
the crankpin and its arms. Figure 15 shows the (0; - 03)

map, corresponding to a crank angle equal to 30°, where
the maximum stress has been calculated.

e
67.311 134.594 1.876 269.158
33.67 100 953 168.235 35.517

Fig. 15 (o4 - o3) map at 30°crank angle (12000 rpm)

Basing on the same observations as regards the
material fatigue limits and the shear and first principal
stresses ratio, the node ‘1465’ has been identified as the
most critical one. In this point, in fact, the maximum shear
stress value has been calculated.

Figure 16 shows the shear stress versus the crank
angle values on the critical node, during a whole working
cycle.
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12000 rpm: T critical node 1465
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Fig. 16 Plot of the shear stress r versus crank angle on the
critical node 1465 (12000 rpm)
Due to the remarkable effect of the inertia actions, the

loading cycle at 12000 rpm is much more complex than
the 1200 rpm one.

5 Crankshaft fatigue life prediction

To evaluate the fatigue life of the new crankshaft, two
different approaches have been used and compared: the
maximum shear-stress approach and the critical plane
one.

51 Maximum shear-stress approach

To apply the maximum shear-stress criterion, because
of the not regular cycle of working load, both for the 1200
rpm and 12000 rpm configurations, the stress cycles
(fig.14-16) have been convert to equivalent peaks and
minima sequences. Moreover, these peaks and minima
sequences have been reordered so that the starting
points correspond to the minimum stress value of each
cycle (fig. 17-18).

1200 rpm: extreme sequence, critical node
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Fig. 17 Peaks-minima sequence at 1200 rpm

Because of its very simple nature, in the 1200 rpm
analysis, the shear stress cycle (and consequently the
peaks and minima sequence) has been reduced to an
equivalent sinusoidal one, whose mean and alternate
stress values are equal to:

8 =T :TTW = 76MPa.
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Fig. 18 Peaks-minima sequence at 12000 rpm

To evaluate the fatigue damaging in the 12000 rpm
configuration, instead, different tools, like the rainflow
counting method, the Goodman diagram and the
Palmgren-Miner rule, have been used.

Using the rainflow method, the whole cycle has been
subdivided in different reduced sequences and, for each
one, the amplitude z,;, the mean values r,;and the

repetitions number have been evaluated (table 1).

Rainflow-based cycle subdivision
Sequence | 7ai | Tm,i | Repetitions n;
BC 13.3 | 32.7 nl=1
DE 215 | 64.5 n2=1
HI 135 | 67.9 n3=1
NO 10.8 | 50.8 n4=1
QR 18.6 | 36.2 n5=1
FG 42.5 | 59.6 n6=1
OoP 43.4 | 60.9 n7=1
AL 62.8 | 72.2 n8=nk=1

Table 1 — Sequence, amplitude and mean stress value and
repetitions number (12000 rpm)

To calculate the damaging rate D(z¢ ;) due to every
sub cycle, instead of a couples (z,;,7y;) of stresses, an

equivalent amplitude stress value has been calculated, by
considering the effect of a mean stress value through the
Haigh diagram (simplified Goodman model):

_ Tai
Tfi=——

.
m,i
1—
Ty

being z, ; the ultimate shear strength value.
So, knowing the equivalent amplitude value z;; and

the repetitions number n; of every cycle (always equal to

D(z¢ i) :L, can be

1), the damaging rate,
N ilzsil

simplified in the following way:

1
D(Tf'i):N_f-'
i
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The life cycles number N;; corresponding to each
stress amplitude ¢ ; can be calculated using the torsion

S-N fatigue curve (see Appendix 1) of the used material,
a 40NiCrMo7 steel (AISI 4340).

Moreover, to also consider the effect of some reduced
amplitude cycles [6], the Wohler curve knee was not
considered, and the curve slope has been modified
according to the Haibach hypothesis:

1
N 1 [tf,iJ(bj if N <10°
F R
a
[lj |
1 (i |\ if
Ne: =—-| [ N >10°
f’l 2 [ al ] -

Where a, b, @ and b’ are experimentally measured
coefficients, depending on the material mechanical
properties.

The damaging D in a whole working cycle, composed
of k load sequences, is equal to the sum of every single
damaging rate D(z ;):

n; 1

D=2.D(rr)= Ny ilzsil B Nei

To predict the (fatigue) life of the component and the
maximum cycles number using the shear-stress criterion,
the following variables (depending on the time) have been
defined for the every load cycle configuration:

- t: load cycle observation period ;

- n(t): number of working cycles in the single period t;

- D(t): damaging due to n(t) cycles in the period t,
equal to D(t) = n(t) D;

- R: number of repetitions of the period t before
obtaining the component failure.

The last variable (R) can be evaluated by imposing
the critical damaging Do equal to 1 (R-D(t)= Dy =1), S0

thatR:L.

D(t)
The time component duration,
calculatedas T=R-t.
Considering the calculated maximum number of
cycles (before the failure) is greater than 108 itis possible
to assume an unlimited fatigue life of the crankshaft.

instead, can be

5.2 Critical plane approach

Numerical fatigue life evaluation of an innovative internal combustion engine shaft

The two stress components (on(¢*,.$)and 7).

acting on the critical plane Q, can also be linearly
combined into an equivalent stress:

Teq =7Tnc t+ kop (¢*,9%)

where k = (ZAJ—l .
o)

Tz

T

(a)

Fig. 19 Stresses components in a reference plane (a) and in

a plane with generic orientation n (b)

Subsequently, also the minimum stress ( z,,,) value is

calculated in the critical plane during the whole working
cycle. In this way, the fatigue life prediction of the
component is made by considering an equivalent cycle
whose extreme values are rp,j,and 75y -

6 Results

Basing on the FEM simulations data and applying the
two fatigue life prediction criteria, the following results
have been obtained.

6.1 Results obtained by maximum shear-stress
approach

In the critical plane criterion, the multi-axial nature of
the stress distribution is considered. Applied to the metal
materials, this method considers their crystalline structure
[9].

In particular, for the identification of the critical plane
(the one in which the crack starts and spreads) a ‘point
approach’ is used [7-8]. Also in this method, in fact, a
critical point O of the component must be identified
(where the fatigue crack can start) but, unlike the
maximum shear-stress approach, the critical plane one
considers a variable plane, not necessarily aligned with
the reference ones (fig.19).

So using this approach, the plane Q (identified by the
spherical coordinates @', 9*) in which the amplitude of the

shear stress is maximum (zp(¢*, %)= 75 = Tnmax )

represents the plane in which the micro-crack enucleates
and grows (fig.19-b).
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For every rotational speed (1200 and 12000 rpm), the
calculation of the maximum time and number of cycles
before the component failure, has been made by
implementing, in a numerical solver tool (Matlab), the
mathematical formulation presented in section 5.1. The
obtained results are summarized in table 2.

Speed Fatigue time T Failure cycles N
[rpm] [hours] [cycles]

1200 49357 1.78E+10
12000 26530 9.55E+09

Table 2 - Evaluation of fatigue life using the criterion of
maximum shear stress

6.2 Results obtained by critical plane approach

The whole procedure, described in section 5.2, has
been implemented in the Matlab software so to identify
the critical plane and calculating the minimum and
maximum shear stress values.

For the 1200 rpm configuration, the obtained results
show the maximum stress approach and the critical plane
one agree.

The critical plane approach, in fact, calculates a stress
cycle whose maximum and minimum values are,
respectively, equal to 7 =152MPaand r,, =0MPa, so

Proceedings of the IMProVe 2011
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that 7, =7, =—™ ‘M _76\Mpa, like previously
evaluated with the maximum shear stress method.

At 12000 rpm, instead, the critical plane approach
gives different results. Also in this case, the rainflow
method has been used to subdivide the whole cycle in
different reduced stress sequence. Nevertheless, the
extreme values of the peaks-minima sequence (fig. 20)
are different from the ones calculated through the
maximum shear stress method (fig. 18).

NI BC R R S, AR S -1
PO P S R R I A

Crank angle [°]

Fig. 20 Extremes sequence of equivalent stress in the
critical point, in working cycle

In this case, then, the obtained results are slightly
different than the previous ones. The life time and the
maximum fatigue cycles number of the component are,
respectively, equal to T=22620 hours and N=8.14E 09
cycles.

7 Conclusions

Numerical fatigue life evaluation of an innovative internal combustion engine shaft

plane approach is more conservative than “static” one, by
estimating a lower (about 14%) fatigue life.

Appendix 1

Mechanical properties steel 40NiCrMo7 (AISI 4340)

Ultimate strength: S;; =1090MPa
Yield strength: S, =835MPa

Young coefficient: E=205000MPa
Poisson coefficient: v=0.3

Fatigue limit (bending): S, =564MPa

Approximate formulation of the S-N curve

A novel self-balanced internal combustion engine was
presented. The engine has a modular structure composed
of two cylinders arranged in opposite way. It is
characterized by an innovative system of linking between
the pistons and the shatft.

The fatigue life evaluation of the shaft has been
studied using two different approaches. Two extreme
engine rotational speeds, respectively equal to 1200 and
12000 rpm, have been considered.

Through a FEM package has been possible to
simulate such load conditions, and evaluating the
characteristics of the stress state of every crankshaft
point. In particular the adopted methodology has allowed
to identify as critical component sections, the connector
between the crankpin and its arms, and to determine, the
stress variation, in such sections during a whole working
cycle.

The results obtained by the two resistance criteria, in
terms of fatigue life prediction, are summarized in the
table 3.

Fatigue time T Failure cycles N
Speed [hours] [cycles]
rpm
[rpm] Maximum Critical Maximum | Critical
Stress Plane Stress Plane
Method Method | Method Method
1200 49357 49357 1.78E+10 | 1.78E+10
12000 26530 22620 9.55E+09 | 8.14E+09

Tab. 3 Prediction of fatigue life of the crankshaft

The evaluated data, besides to demonstrate the shaft
has an unlimited fatigue resistance, highlight the critical
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s(N)=a(2N)* for 10® <N <10°
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Figure 21 - S-N curve for torsion loading conditions
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